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Abstract—Natural convection in a discretely heated enclosure is investigated experimentally and theor-
etically for single and multiple heater configurations. Mach-Zehnder interferometry is used to visualize the
temperature field within the enclosure and to determine the local and average heat transfer characteristics of
the discrete heat sources. The partial differential equations governing the conservation of mass, momentum
and energy for the problem are solved numerically. The results show that for the single heat source
configuration heater locations closer to the bottom of the enclosure yield the highest heat transfer in the
high Grashof number range. However, the observation of previous work that the heat source location
corresponding to maximum heat transfer is a function of Grashof number is confirmed. Discrete heat
sources located near the enclosure bottom are aiso found to yield the highest heat transfer in the dual
heater configuration. The heater placement for maximum heat transfer in both single and dual heater
systems is explained in terms of the intensity of the buoyancy-driven flow in the enclosure. The thermal
wake of the bottom heat source is seen to significantly affect the transport from heat sources above in the
multiple heat source configurations. The lowest heat source, however, is influenced only marginally by the
presence of a heater above.

INTRODUCTION

THE INCREASING miniaturization of electronic com-
ponents and the resultant rise in heat flux density
has spawned the need for better understanding of
the fundamentals of heat transfer in discrete heating
situations. Passive (natural convective) cooling of
electronic equipment continues to play a prominent
role in the thermal management and control of such
systems. Natural convection cooling techniques have
distinct advantages because of their low cost, ease of
maintenance and absence of electromagnetic inter-
ference and operating noise [1, 2]. In some situations
the heat sources must be isolated from the exterior
environment. The-configuration is then described by
natural convection in an enclosure with discrete heat
sources.

Chu et al. [3] appear to be the first to have studied
natural convection heat transfer from a discrete heat
source in a two-dimensional enclosure. The numerical
study investigated the effect of size and location of a
single heater for a range of Grashof numbers. The
local and average heat transfer were found to be
strongly dependent on heater location. A maximum
in average Nusselt number as a function of heater
distance from the top of the cavity was observed, and
the location corresponding to maximum heat transfer
was found to be a function of Grashof number. The
numerical predictions of Chu et al. were later cor-
roborated experimentally by Turner and Flack [4],
who later correlated the heat transfer data as well [5].

More recently, Keyhani et al. [6, 7] investigated
experimentally the buoyancy-driven flow and heat
transfer characteristics of an array of discrete heat
sources in enclosures of aspect ratios 4.5 and 16.5.
They found that a discretely heated vertical cavity

yielded significantly enhanced heat transfer over a
fully heated vertical wall. The experiments revealed
strong secondary and tertiary flows which resulted in
higher heat transfer. A subsequent numerical study
[8] revealed the influence of aspect ratio and size of
heat source on the natural convection in a discretely
heated cavity.

A number of investigations have treated the effects
of protrusion of the discrete heat sources during natu-
ral convection cooling in enclosures. The studies have
approached the problem from both experimental [9—
11] and analytical [12] perspectives. In general, these
studies illustrate the penetration of the flow into the
gaps separating the protruding heat sources.

This paper presents results of an experimental and
analytical study of natural convection in a vertical
cavity with single and multiple flush-mounted, two-
dimensional discrete heat sources. This study sup-
plements the results of earlier work in that the local
and average heat transfer characteristics of single and
multiple discrete heater configurations are quantified
and correlated, and the influence of the thermal wake
in multiple discrete heater systems is illustrated. The
problem parameters investigated in the study include
Grashof number, heat source location(s), and cavity
aspect ratio for single and multiple heater enclosures.
The Grashof number range is extended beyond that
studied previously. Mach-Zehnder interferometry
was used to determine the local heat transfer in the
experiments.

APPARATUS

The enclosure used in the experimental study is
shown schematically in Fig. 1. The two-dimensional
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length of heater
.  length of unheated section between
multiple discrete heat sources
Nu  local Nusselt number, AL/k
Nu,. local Nusselt number based on distance
7 from leading edge of heater, h)'/k
Nu  average Nusselt number, equation (6)

~ o~

Pr Prandt] number, v/ja

q convective heat flux at heater surface

Ra  modified Rayleigh number, Gr Pr

s distance from the top of the enclosure to
the midpoint of the heater

T, temperature of isothermal wall

NOMENCLATURE

g gravitational acceleration U dimensionless velocity in the x-direction,
Gr modified Grashof number based on ulfv

heater height, gBgL*/kv? |14 dimensionless velocity in the y-direction,
Gr,  local modified Grashol number based on vlLjv

distance from leading edge of heater, X dimensionless distance in the x-direction,

9Ba(yy fhkv? x/L
h local heat transfer coefficient, ¢/(T—T,) Y dimensionless distance in the y-direction,
H height of enclosure y/L

thermal rnndur‘fjvity W width of enclosure

Greek symbols

I volumetric coefficient of thermal
expansion
0 dimensionless temperature,

(T—T.)/(qLjk)

v kinematic viscosity
w dimencionlecs gtream funection
i dimensionless stream function,
wiv.
Subscripts
H based on enclosure height

w based on enclosure width.

enclosure used in the experimental studies was 19.05
cm tall with variable widths of 3.18, 3.81, and 4.76
cm. The cavity was 30.48 cm in the spanwise direction,

ensuring near two-dimensionality of the flow and heat
The horizon

transfer. The horizontal surfaces were maintained

nearly adiabatic by constructing them of closed-pore,
extruded polystyrene insulation. A constant tem-
perature boundary was imposed at the other vertical

polystyrene
insulation
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regulated
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FiG. 1. Schematic of experimental apparatus and definition
of geometric parameters.

surface ; pure copper was used for the constant tem-
perature (isothermal) wall. Channels were milled in
the copper slab in a counterflow arrangement. Cool-
ant was pumped through the channels and the tem-
perature of the coolant was controlled by a constant
temperature bath. Thermocouples were embedded in
the copper wall and monitored to ensure a uniform
temperature distribution. The maximum temperature
variation was found to be 0.1°C across the copper
wall. Optical quality glass was used for the spanwise
vertical walls of the cavity to allow interferometric
access to the interior of the enclosure.

The aspect ratio of the cavity, H/W,
sliding the discretely heated wall horizontally relative
to the isothermal wall, thus varying the width of the
enclosure (W). For the single heater, a single aspect
ratio of H/W =35 was studied. Aspect ratios of
H/W = 4,5, and 6 were investigated in the dual heater
configuration.

Strips of 0.0025 c¢m thick stainless steel shim stock
were used as resistive heater elements. The heater
length for all cases was L = 2.54 cm. The Grashof
number was varied by changing the heat flux imposed
at the heat source. Aluminum busbars were used to
transmit power from a d.c. power supply to the heater
strips. The stainless steel shim stock heater material
was sandwiched between a single, heavy aluminum
busbar and a mating slab of non-conductive material.

was varied by

shavings was applied between the busbar and the shim
stock to reduce the electrical contact resistance. The
busbar system extended the entire height of the cavity
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at both spanwise extremities, permitting the heat
source(s) to be placed at any vertical location. Felt
was glued to the busbar assembly surface exposed to
the optical glass at both ends of the cavity to reduce
heat losses. Dimensionless heater locations of
s/H=10.2, 0.5, and 0.8 were studied for the single
heater configuration, while heater locations of
s/H = 0.2 and 0.5, and 0.5 and 0.8 were investigated
in the dual heater system.

Ohmic heating in the heater strips was achieved by
passage of an electrical current through the stainless
steel shim stock from a 20 V, 120 A d.c. power supply
stable to 0.1%. The electrical power dissipated in each
heater strip was calculated by the product of the volt-
age (measured directly to within 0.01 V on the heater
foil with voltage taps) and the current read from the
power supply to within 0.1 A. Identical electrical
power was delivered to the two heater strips in the
dual heater configuration. After power was applied to
the heater strip(s), thermocouples mounted at various
positions under the heat source(s) were monitored to
determine when the system had reached steady state.
Typically, 20 h were required to reach steady state
when starting from a cold enclosure assembly.

A Mach—Zehnder interferometer with 30.5 c¢m
optics was used to visualize the temperature field and
to quantify the local heat transfer along each heat
source. The interferometer is of parallelogram design
in a 60° configuration. The interferometer was set
initially to an infinite fringe mode and changes in the
index of refraction of the air, within the enclosure,
were seen as interference fringes. The fringe pattern
was recorded photographically using a 10.2 cm x 12.7
cm format camera and exposing the image directly
on to the negative at a shutter speed of 1/60 s. The
photographically recorded interferograms were inter-
preted using established optical techniques [13]. For
the interferograms presented hereafter the tem-
perature difference corresponding to each fringe shift
was approximately 2.9°C.

A measuring microscope, with a spatial resolution
of 2.5 um, was used to measure the distance between
fringes near the heater. The variation in fluid tem-
perature with distance from the heat source was rep-
resented by a curve-fit of the interference fringe data
using a second-order polynomial. In general, four to
six fringes were used in the regression depending on
fringe density in the Mach-Zehnder interferograms.
The local wall convective heat flux was calculated by
evaluating the first derivative of the polynomial curve
fit at the wall. The local heat source temperature was
determined by evaluating the polynomial itself at the
wall. This evaluation was performed at nine vertical
locations along each heater strip to determine the
variation of the local Nusselt number. Nusselt num-
bers determined in this way are based only on the
convective heat flux, and did not include radiation,
since the local convective heat transfer from the heat
sources was determined directly from the measured
temperature gradient in the fluid. Since radiation heat
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transfer constituted a fraction of the total heat transfer
from the heater strip(s), the Grashof number char-
acterizing each experimental condition was based on
the average convective heat flux over each heat source.

An error analysis using the method of Kline and
McClintock [14] was performed, from which it was
found that the maximum uncertainties in the local
Nusselt and Grashof numbers were, respectively, 7.8
and 8.7%.

ANALYSIS

Under the assumptions of steady, laminar, natural
convection of a Newtonian fluid with changes in fluid
density treated using the Boussinesq approximation,
the dimensionless partial differential equations
governing transport of mass, momentum, and energy
in the discretely heated enclosure are, respectively :

continuity

ou oV

ﬁ(_*—ﬁ/:(); (D

X-momentum

U oU U U op
VaxVav=awtor o @
Y-momentum
oV av 2V 2V oP
e V= .
UV oy~ tarr—ay 90 O
energy
00 a0 1[0 &0
Uu”é"y':m(axﬁﬁ) @

The boundary conditions may be stated as follows:

y—0: v=v=2_y 5
R 2 (5a)
00
Y=HL: U=V=2,=0 (5b)
X=0: U=V=0 (5¢)
@ _ 1 at heat

6X_— at heat source

@—O Isewh

5X_ clsewnere
X=W/L: U=V=0=0. (5d)

The coupled equations of mass, momentum, and
energy, equations (1)—(4), were discretized and solved
using a control volume based finite difference tech-
nique. The coupling between continuity and pressure
was handled using the well-established SIMPLER
algorithm [15]. The equations were solved on a 60 x 60
non-uniform grid with 20 control volumes on each
heat source for the single and dual heat source
systems. Nodes were clustered along the vertical walls
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to betier resolve the hydrodynamic and thermal
boundary layers there. Refined grids of 80 x 80,
60 x 90, 60 x 112, and 60 x 158 nodes were used for
the three, four, five, and continuous heat source simu-
lations, respectively. These grid distributions were
determined by successive refinements of an initial
20 % 20 grid until the average Nusselt number for each
heater changed by less than 0.3%.

The average Nusselt number was calculated accord-

ing to its definition for isoflux heating
Nu = aL (6)
kAT
where the average wall temperature rise, AT, was
determined by numerically integrating the local tem-
perature data.

Note that previous investigators have based their
Grashof number on the enclosure height, H. The Gras-
hof number in this study was bascd on hcat source
height, L. This is significant because, as will be seen
subsequently, the Grashof number range simulated in
this study is scveral orders of magnitude higher than
that examined in previous investigations [3, 4, 8]. The
heat flux used in defining the Grashof number for the
numerical simulation of the cxperiments was based
on the average of the local convective heat transfer
data over the length of the heater, determined from
the Mach-Zehnder interferograms.

The dimensionless stream function was calculated
from the velocity field according to their definitions

v 7
Ty D
and
v
="
cX (®)

RESULTS AND DISCUSSION

Results are categorized and presented as single heat
source and dual heat source data. For the single heater
configuration, one aspect ratio of H/W =35 was
studied analytically and experimentally with heater
locations of s/H = 0.2, 0.5, and 0.8. Heater location
and the characterization of its effect on the heat trans-
fer was the objective of this portion of the work. For
the dual heater system two cases were considered,
including heater locations of s/H = 0.5 and 0.8 here-
alter referred to as Case I, and heater locations of
s/H = 0.2 and 0.5, termed Case 2. With the dual heat
source configuration, the effect of enclosure aspect
ratio was studied analytically in the range H/W = 2-
& and experimentally for H/W = 4, 5, and 6. Once the
analytical studies were compared to the cxperimental
work and validated. multiple heat sources were stud-
ied theoretically for an aspect ratio of H/W = 5.
Results arc presented in terms of local and average
Nusselt number distributions for both the exper-
imental and theoretical work.

M. L. CHADWICK et al.

SINGLE HEAT SOURCE CONFIGURATION

Figure 2 shows a comparison between the exper-
imental temperature field and theoretical predictions
for temperature and flow ficld for an aspect ratio of
H/W =5 for the single heater location of s/H = 0.8.
The predicted isotherms shown are uniformly
incremented. although the dimensionless tem-
peratures do not necessarily correspond to those in
the Mach-Zchnder interferogram. The predicted iso-
therms are seen to be qualitatively similar to the exper-
imental isotherms. The presence of a thermal bound-
ary layer with isotherms clustered near the region of
high heat transfer along the discrete heater is evident.
The temperature of the heat source is seen to risc
with increasing distance from its leading edge. This
boundary layer developed for all the heater locations
and Grashof numbers studied cxperimentally and
analytically. The central region of the enclosure exhi-
bits a thermally stable stratification, similar to the
classical result for buoyancy-driven flow in an enclos-
ure with difterentially heated walls [16].

The predicted stream function was calculated for
cach numerical simulation to visualize the flow field
within the enclosure. For the heat source location of
s/H = 0.8, the fluid was heated at the discrete source,
and rosc¢ due to buoyancy lorces. The warmed fluid
was then turned by the adiabatic ceiling of the enclos-
ure and descended along the cooled wall, completing
a recirculation flow pattern that occupied the entire
enclosure. This recirculating flow pattern is clearly
cvident in Fig. 2, with the center of the primary eddy
being at v/H =~ 2/3. A sccondary recirculation zone
was predicted in the upper left corner, indicative of
separation of the flow originating [rom the heater and
rising along the remainder of the adiabatic wall. The
preferred flow structure seems to be this separation
from the discretely heated wall with subsequent move-
ment toward the isothcrmal wall.

A similarly good level of qualitative agreement is
scen between the interferometric data and the pre-
dicted isotherms for single hecater locations of s/H =
0.5 and 0.2, seen in Figs. 3 and 4. respectively. By
contrast with the s/H = 0.8 result, there exists a large
region of isothermal fluid in the portion of the cavity
below the heat source for smaller values of s/ /1. This
isothermal region is nearly stagnant, as is demon-
strated by the predicted stcam function contours. As
the heat source rises to positions higher in the cavity.
the same general circular motion described above is
observed, with the exception that less of the cavity
is buoyancy affected ; the primary recirculation cddy
generally occupies only the portion of the cavity above
the leading edge of the heater. The discrete heating
studicd here thus results in recirculation cells the size
and location of which vary with heater location. As
will be demonstrated in a section to follow. the radical
difference in the extent of the recirculating flow eddy
will have a significant effect on the heat transfer from
the heated strip.
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FiG. 2. Mach-Zehnder interferogram and predicted temperature field and flow structure for single heater
configuration, s/H = 0.8, H/W = 5, Gr = 5.12(10°).

The local Nusselt numbers along the heated strips,
calculated from the Mach-Zehnder interferograms in
Figs. 24, are shown in Fig. 5 with the results of the
theoretical predictions. The plotted symbols reflect
the results of three experiments with the single heater
locations of s/H = 0.2, 0.5, and 0.8, for nearly the
same Grashof number. The growth of a thermal
boundary layer along the heater observed in the inter-
ferograms previously are more clearly evident in Fig.
5. A relatively high heat transfer coefficient exists at
the leading edge of the heater regardless of its position
in the cavity, with decaying Nusselt number there-
after. The local heat transfer varies in magnitude by a
factor of two over the length of each heater, indicating
significant surface temperature gradients there.

The model predictions show excellent agreement
with the experimental data in Fig. 5, the maximum
deviation being only 8%. Tt is reasoned that conjugate

heat transfer from the heat source to the insulating
substrate resulted in the slight deviations from ana-
lytical predictions. Although the polystyrene insu-
lation was used to prevent conjugate heat losses from
the experimental apparatus, redistribution of the
Ohmic heat flux still occurs to some extent. This
results in an averaging effect on the local heat transfer
distributions, and thus causes the smearing in Nusselt
number with changes in position y/H on the heat
source, as seen in Fig. 5.

The predicted and experimentally determined local
Nusselt number data seen in Fig. 5 reveal generally
increasing heat transfer coefficients for increasing s/ H.
The variation in Nusselt number is slight but notice-
able, the difference in Nu being approximately 10%
at the leading edge for the s/H = 0.2 and 0.8 extremes
in heater placement studied. As alluded to in the fore-
going, the increasing heat transfer with increasing s/H
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F1G. 3. Mach—Zehnder interferogram and predicted temperature field and flow structure for single heater
configuration, s/H = 0.5, H/W = 5, Gr = 5.16(10°).

may be explained in terms of the growth of the pri-
mary recirculating eddy as the heater is moved down
along the discretely heated wall. A larger portion of
the enclosure is affected by the buoyancy-driven flow
when the heater occupies a position lower in the
cavity. The larger recirculation cell indicates that more
of the cooled wall is thermally active. This is illustrated
by the predictions of the maximum stream function,
W .., versus heater location, s/H, corresponding to
the conditions of Fig. 5. The maximum stream func-
tion is reflective of the intensity of mass flow in the
primary recirculation cell. The predicted maximum
normalized stream function for the s/H = 0.2, 0.5,
and 0.8 cases with Gr = 1.2(10%) were found to be
23.2, 53.8, and 77.8, respectively. These data suggest
that the increase in local Nusselt number observed in
Fig. 5 is due to the increased intensity of natural
convection flow in the enclosure, reflected by increas-

(b)

@

(c)

ing ¥,.... There is a threefold increase in the dimen-
sionless mass flow rate in the recirculation cell. As
observed in the stream function contours and ¥,
data, the increased mass movement observed in the
s/H = 0.8 configuration causes more interaction with
the cooled isothermal wall. The fluid approaching the
heat source is thus at a lower temperature than for
the higher heater locations, which results in more
effective cooling of the concentrated heat source at
the heated wall.

The local heat transfer profiles were correlated
using an equation suggested by the analytical solution
for free convection from a vertical plate with a uni-
form heat flux imposed at the surface [17]

Nu, = BGr). 9

The coordinate )’ is measured from the leading edge
of the heater. Describing the local heat transfer with
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F1G. 4. Mach-—Zehnder interferogram and predicted temperature field and flow structure for single heater
configuration, s/H = 0.2, H/W = 5, Gr = 3.10(10°).

(b)

i6
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F1G. 5. Local Nusselt number distributions and model pre-
dictions for single heater configuration, enclosure aspect
ratio H/W = 5.

(c)

equation {9}, the coefficients and exponents for vari-
ous heater locations and, for comparison, the exact
solution for the isolated vertical plate for Pr = 0.71
[17] are shown in Table 1. The coefficients and
exponents were obtained from least-squares
regression fits of the predictions over a range of
Grashof numbers, with an average error of 2.0%.
The correlations presented in Table 1 illustrate sev-
eral points. The s/H = 0.8 single heat source system
exhibits slightly higher heat transfer coefficient only
at the leading edge of the heater (Gr,- > 0) than the
vertical plate solution, with lower heat transfer
coefficient over the remainder of the surface. The
s/H =10.5 and 0.2 configurations both yield lower
local Nusselt number over the entire heater face. The
decay in local heat transfer coefficient along the dis-
crete heaters is somewhat higher than for the isolated
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Table 1. Coeflicients and exponents for cor-
relation equation (9), single and dual heater

configurations,  enclosure  aspect  ratio
HiW =5
SiH B n
Vertical plate [17) 0.495 0.20
0.2 0.438 0.193
0.5 0.454 0.199
0.192

0.8 0.526

vertical plate. indicated by the smaller exponent, a.
This may be due to interaction with the downward-
directed flow along the isothermal wall.
Comparisons between the predicted average Nus-
selt number and the experimental results calculated
from the local data according to equation (6) are
shown in Fig. 6. Excellent agreement exists between
prediction and cxperiment. The average and
maximum error between prediction and experimental
data arc 5.9 and 7.9%. rcspectively. For all single
heater locations the predicted average Nusselt number

increased approximately with Gr'* over the Grashof

number range 10* < Gr < 107, The predicted data
may be correlated very well with an expression of the
form

Nu= A Gr" (10

where for s/H = 0.8, 0.5, and 0.2 the regression values
for 4 arc 0.59, 0.61, and 0.39 with corresponding
exponents m = 0.20, 0.19, and 0.22, respectively. Also
shown in Fig. 6 is the analytical solution for free

convection in air (Pr = 0.71) from a vertical platc of

length L [17). given by Nu = 0.594Gr"*. The predicted
average hcat transfer coefficient for the discretely
heated enclosure is always lower than the free vertical
plate result in the Grashof number range shown. It
appears that the average heat transfer characteristics
of a single discrete heat source approach that of the
frce vertical plate as its location moves toward the
bottom of the enclosure (s/H is increased): the cor-

— — — —Free convection from
a vertical plate {17]

Experiments
a s/H=0.8
O s/H=0.5
Analysis A s/H=0.2
1 5 L P
10 10° 1d° 10

Gr

FiG. 6. Average Nusselt number dependence on Grashof
number for single heat source configuration, H/W = §.
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related s/H = 0.8 predictions are less than 2% below
the vertical plate result.

The heat transfer coefficient has been seen to rise
with increasing s/H ; for a given Grashof number the
maximum Nusselt number occurs for s/H = 0.8. An
approximate 7% reduction in average Nusselt number
was observed when the heat source was moved from
siH = 0.5 to 0.2, and a 17% reduction when moved
from s/H = 0.8 to 0.2. Previous investigations have
revealed that the maximum heat transfer occurs (or a
heater location near s/H = 0.5 for Grashof numbers
significantly lower than those studied here
(Gry < 1.43(10%) in the study by Chu et al. compared
to Gry, = 5.36(10%) in this study) [3, 4]. Chu ef ol.
also showed that the heater location corresponding to
optimum heat transfer is Grashof number depcendent
the maximum Nusselt number was found at higher
s/H for increasing Grashof number. The slight differ-
ences in slope of the predicted Nu—Gr distribution
shown in Fig. 6 corroborate this finding. If onc
extrapolates the predictions for the average Nussclt
number to Gr < 107 it is seen that a maximum in the
Nu data will be found for the s/H =~ 0.5 configuration.
Indeed. using the analytical model developed in this
study. the Nusselt number maximum for s/H = (.5 at
low Gr predicted by Chu et . [3] was duplicated.
Conditions identical to those previously studied were
simulated and the differences in the predicted average
hcat transfer from the two investigations were found
to be less than 10%. The difference is attributed to the
more refined 60 x 60 grid used in this study relative to
the 20 x 20 node distribution used in the previous
work.

Interestingly, the maximum predicted stream func-
tion followed the samc trend as the average Nusselt
number just described. Higher W, was found to
occur at s/H ~ 0.8 in the high Gr range, and at
s/H = 0.5 in the low Gr range. This supports the
observation made previously that the heat transfer is
strongly dependent on the intensity of the buoyancy-
driven flow in the cavity as reflected by the value of
v

max s

DUAL HEAT SOURCE CONFIGURATION

Two heat sources were placed in the cavity and
studied experimentally for Case | (s/H = 0.5 and 0.8)
and Case 2 (s/H = 0.2 and 0.5) for enclosure aspect
ratios of H/W =4, 5, and 6. Despite identical elec-
trical power delivered to both heater strips, the con-
vective heat transfer from the two heat sources was
different due to unequal convective and radiative
losses. This difference in convective heat flux for the
two heaters was found to be as high as a factor of two
for the Case 2 configuration, where the top hcater
(s/H = 0.2) had substantially lower heat transfer
coefficient than the bottom heater (s/H = 0.5). This
resulted in higher temperatures and associated higher
radiative and conductive losses at the top. The differ-
ence in convective heat flux imposed at the two heaters
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for the Case 1 configuration never exceeded 10%.
The Grashof number describing the dual heat source
experiments was thus based on the average convective
heat flux for the two heaters. The thermal and flow
structure for the dual heat source configuration Case
2 with enclosure aspect ratios H/W =5 and 6 were
qualitatively similar to the single heat source at
s/H =0.5. Thermal boundary layers formed along
cach heat source and a single recirculation cell occu-
pied the upper half of the cavity. However, for Case
2 and H/W = 4 the complex flow structure shown in
Fig. 7 was observed. Small recircuiation zones develop
in the middle of the channel at the top of the enclosure.
The structure of the temperature field is also seen to
be quite complex. These complex flow and thermal
patterns were not observed in the higher aspect ratio
(more slender) enclosure cases. The complexity in the
flow and thermal structures observed in Fig. 7 may be
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caused by the reduced interaction between the hydro-
dynamic boundary layers on the heated and cooled
walls for the higher wall spacing, H/W = 4 enclosure.

All aspect ratios for the dual heater Case 1 con-
figuration (s/H = 0.5 and 0.8) exhibited the same gen-
eral flow patterns as the single heater system with
s/H=10.8 (see Fig. 8). Thermal boundary layers
started at the bottom of cach heat source and grew as
the fluid rose along the heated wall due to buoyancy.
There was an interruption in the thermal boundary
layer due to the adiabatic section between the two
heat sources and at the top of the upper heat source.
This interrupted boundary layer due to the discrete
heating will be shown to influence the local heat trans-
fer characteristics of the second heat source in a sig-
nificant way. A thermal boundary layer thicker than
that observed along each discrete heat source was seen
to form along the isothermal wall as the fluid was

(b)

()

FiG. 7. Mach—Zehnder interferogram and predicted temperature field and flow structure for dual heater
configuration Case 2 (s/H = 0.2 and 0.5), H/W = 4, Gr = 3.43(10°).
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(b)

Fi6. 8. Comparison of temperature distributions for dual

heater configuration Case | (sfH=0.5 and 0.8),

Gr=3.22(10%): (a) H/W =5, (b) H/W = 6.

cooled during its descent. The effect of cavity aspect
ratio is seen for Cases 1 and 2 at the same nominal
Grashof number in Figs. 8 and 9. The figures show
that the zone of stably-stratified. stagnant fluid in the
center portion of the enclosure decreases in width as
the aspect ratio increases. This is especially evident in
Fig. 9 for Casc 2 (s/H = 0.2 and 0.5), where the ther-
mal (and presumably the hydrodynamic) boundary
layers interact more significantly in slender cavities.
Indeed. predictions for aspect ratios higher than
H/W = 6 (more slender cavities) reveal that viscous
effects begin to dominate as the boundary layers along
the two walls merge and the heat transfer decreases
[18].

The predicted and experimentally-determined local
Nusselt numbers for two dual heater configuration
cxperiments, Cases | and 2, are shown in Fig. 10
for Gr = 3.15(10%) and 3.30(10°), respectively. The

M. L. CHADWICK ¢t al.

results are for an enclosure aspect ratio H/W = 5.
Again, the effect of the thermal boundary layer grow-
ing along each heater is evident ; the local heat transfer
coeflicient starts relatively high at the leading edge of
cach heater and drops monotonically. Case 1 shows
that the heat transfer at the leading edge of the upper
heater (s/H = 0.5) is actually higher than the local
Nusselt number at the trailing edge of the lower
heater. The rise in heat transfer is a consequence of
the interruption of the thermal boundary layer
between the discrete heat sources illustrated in Figs.
7-9. This enhancement phenomenon due to the inter-
rupted boundary layer is not observed in the
siH = 0.2, 0.5 (Case 2) dual heater configuration. As
was the case with the singlc heater enclosure, generally
more effective cooling is observed when the discrete
heating occurs at the bottom of the cavity. This has
been explained in terms of the more intense buoyancy-
driven recirculation cell which occupies a larger por-
tion of the enclosure. It is also observed by the data
of Fig. 10 that heat transfer from the bottom heat
source in a two-heater enclosure is affected only mar-
ginally by the presence of a heater above.

The model predictions shown in Fig. 10 agree well
with the experimental data. The maximum error in
Nusselt number is only 8%. The predicted local Nus-
sclt number profiles exhibit a nearly power-law
decreasing distribution and the experimental data
were again smeared. Once again, this is believed to
be caused by the conjugate effects in the insulating
substrate.

A plot of the comparison between the experimental
and predicted average Nusselt numbers for an aspect
ratio of H/W = 5can be seenin Fig. 11. The analytical
average Nusselt numbers for heater locations of
s/H = 0.5 and 0.8 were within 8% of the experimental
Nusselt numbers for cavity aspect ratios of H/W = 4,
5, and 6. The analytical average Nusselt number
(assuming identical heat flux imposed at both heaters)
for the heater location s/ H = 0.2 varied by nearly 30%
from the experimental results. This is explained by the
different radiation heat transfer and conduction heat
loss from the top and bottom heat sources. Although
equal electrical energy was supplied to both heaters,
the comparatively low heat transfer coefficient at
s{H = 0.2 yielded higher temperatures there. The
result was higher radiative and conductive heat loss
at the top heater. A radiation analysis was performed
by dividing the enclosure into 14 surfaces, nine along
the discretely heated wall, two each on both the top
and bottom walls, and u single surface along the iso-
thermal wall. The temperatures of each of these sur-
faces were estimated from the Mach—Zehnder inter-
ferograms, and the emissivities specific to each surface
material were taken from the literature [19]. Assuming
diffuse gray surface behavior, standard techniques
[20] were employed for calculating the net radiation
heat transfer from each surface in the enclosure. The
results of the radiation analysis revealed that the ratio
of radiative to convective heat flux at the heater sur-
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FiG. 9. Comparison of temperature distributions for dual heater configuration Case 2 (s/H = 0.2 and 0.5),
Gr=3.11(10%: (@) H/W =4.(b) H/W = 5; (c) HW = 6.
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Fi1G. 10. Local Nusselt number distributions and model

predictions for dual heater configuration, enclosure aspect

ratio H/W =5: Case 1, Gr =3.15(16%); Case 2, Gr=
3.30(10°).

faces for the Case 2 configuration were in the range
0.60-0.71 for s/H = 0.2, and 0.28-0.35 for s/H = 0.5.
This ratio for the Case 1 system was found to vary
from 0.31 to 0.36 for s/H=0.5, and 0.23 to 0.31
for s/H = 0.8. In dual heater theoretical simulations
presented previously in this study, identical heat flux
(determined from the average of the experimental
data) was imposed at the two heat sources. By
imposing the different convective heat fluxes deter-
mined for each heater from the interferograms in the
thermal boundary condition of the theoretical simu-
lations the predicted average Nusselt number came
within 7% of the experimental average Nusselt num-
bers for the Case 2 configuration and for aspect ratios
H/W =4, 5, and 6. The Case 2 dual heat source con-
figuration (s/H = 0.2 and 0.5) was particularly vul-
nerable to the radiation and conduction losses because
of its characteristically low heat transfer, as was illus-
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F1G. 1. Average Nusselt number dependence on Grashof
number for dual heat source configuration, H/W = 5.

trated in Fig. 10. The simulation results with radiation
adjustment to the heat flux imposed at each heater
are also shown in Fig. 11, and similar results were
obtained for aspect ratios of H/W =4 and 6 [18].
The Case 1 predictions were always produced using
identical heat fluxes imposed at both heat sources.

The same observations made for the local heat
transfer behavior made relative to the data of Fig. 10
may be stated for the average Nusselt number data of
Fig. 11. Generally speaking, the top heater suffers
from lower heat transfer coefficient than the bottom
heater. For aspect ratios of H/W =4, 5, and 6 the
average Nusselt number for the top heater is 20-40%
higher than the bottom heater in the dual heat source
configuration, depending on Grashof number. This is
true for either Case 1 or Case 2 dual heater system.

Within the range analyzed in this study (H/W = 2-
8), and all other geometric and system parameters
remaining constant, changes in aspect ratio were
observed to have only a minor effect on the heat
transfer characteristics of the discretely-heated enclos-
ure [18].

MULTIPLE HEAT SOURCE CONFIGURATION

The analytical models were in good agreement with
the experimental simulations for single and dual
heater configurations for a wide range of aspect ratio,
heater location, and Grashof number. This provided
confidence in the extension of the theoretical model to
multiple heat source configurations. Discrete, uniform
heat flux sources were placed in varying numbers
along the heated wall. An enclosure of aspect ratio
H/W = 5 was used in all multiple heater simulations.
The top and bottom heaters for all configurations with
three or more heat sources were at fixed locations of
s/H = 0.2 and 0.8, respectively. This left an unheated
section of L/H = 0.133 at the top and bottom of the
enclosure. Three, four, or five heat sources of length
L/H = 0.133 were equally spaced between the fixed
adiabatic sections at the top and bottom. Predictions
for a continuously heated wall were also made, for
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F1G. 12. Predicted local Nusselt number profiles for three,
four, and five heat sources with continuous heating com-
parison, Gr = 1.2(10°).

which the heater length was L/H = 0.733 with adia-
batic sections at the cavity top and bottom identical
in length to the discrete heat source systems. The
Grashof number for all multiple heater configurations
was studied in the range 10* < Gr < 5(10%). The con-
tinuously heated wall predictions were made with the
same imposed heating rate as the discrete heater solu-
tions. To provide a basis for appropriate comparison
to the discrete heat source predictions, the same
characteristic length L was used to define the Grashof
and Nusselt numbers for the single continuous heater
(L/H = 0.733) case.

The predicted local Nusselt number profiles for
three, four, and five heat sources of identical le'ngth,
L/H = 0.133, are shown in Fig. 12 for Gr = 1.2(10%).
Also shown for comparison is the single continuous
heater (L/H = 0.733) prediction for the same imposed
heat flux. It may be observed that the single con-
tinuous heater yielded generally lower local heat trans-
fer coefficient than the multiple heat sources. As the
number of heat sources was increased the local heat
transfer for heaters at corresponding s/H locations
decreased. This illustrates the influence of the thermal
wake from heat sources below. The extent of decreasc
in heat transfer depends upon the heater location. The
heaters with fewer heat sources below them exhibit
higher heat transfer because of reduced prior bound-
ary layer growth. In fact, the local heat transfer for
the heat source at s/H = 0.8 is only marginally differ-
ent for all multiple heater configurations studied
including the continuously heated wall.

The predicted average Nusselt number was cal-
culated from the local heat transfer data for the mul-
tiple heater simulations. The dependence of the aver-
age Nusselt number on Grashof number in the range
10" < Gr < 5(10%) was correlated using an expression
of the form

Nd,-=C, Grll.lli (]1)
where Ny, is the average Nusselt number for heat
source i (i =1, 2, 3,..., numbering beginning at the

top of the enclosure), and C, the regression coefficient
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Table 2. Coefficients for equation (11) derived from the analytical study of
various numbers of heat sources for an aspect ratio of H/W =5

Three heat sources

Four heat sources

Five heat sources

Ly /H=10.1667 Ly/H = 0.0667 Ly./H = 0.01667
(L+L)/L =225 (L+L,)/L=1.50 (L+L,)/L=1.125
Heater s/H C; Heater s/H C; Heater s/H C;
1 02 0272 1 02 0228 1 0.20 0.204
2 0.5 0339 2 0.4 0.267 2 0.35 0.237
3 0.8 0453 3 0.6 0.330 3 0.50 0.263
4 0.8 0427 4 0.65 0.318
5 0.80 0425

corresponding to heater i. Table 2 contains the
coefficients C; for use in the average Nusselt number
correlation of equation (11) for three, four, and five
heat sources for an enclosure of aspect ratio H/W = 5.
In reality the exponent of Gr varied between 0.199
and 0.218 with associated slight changes in the
coefficient C,. However, an average value of 0.215 with
the coefficients shown reflects the Grashof number
dependence in the prescribed range with a maximum
error of 3%.

The table shows that the heat sources in the lower
part of the cavity exhibit the highest average Nusselt
number, this being a result of the thinner thermal
boundary layer there. Keyhani et al. [6] found that
the ratio of the average Nusselt number of the second
heater up to that of the bottom heaters in a ten-heater,
H/W = 16.5 system was 0.79 for (L+ L,)/L = 2. The
correlations of Table 2 indicate that for H/W = 5, this
ratio for the bottom two heaters has a numerical value
of 0.76, and is nearly independent of both L,,/L and
the total number of discrete heaters in the enclosure.
However, it is observed that the ratio of average heat
transfer coefficient between the upper and lower
heater of subsequent adjacent heater pairs increases
with increasing total number of heaters in the enclos-
ure and corresponding decrease in L,,/H. This is at
variance with the dual, flush, in-line heater free con-
vection results of ref. [21], where the difference
between heat transfer coefficient for the top and bot-
tom heaters was found to diminish with increasing
separation distance. This may be explained by the
different flow characteristics of the enclosure flow for
increasing discrete heat sources of this study and the
free convective flow and heat transfer of ref. [21].

A comparison of the average Nusselt number for
the bottom heater in the five-heater enclosure,
H/W =5, from this study with that of the cor-
responding bottom heater in the ten-heater enclosure,
H/W = 16.5, of Keyhani et al. [6] may be made. The
correlation of experimental data given in ref. [6] is
Nuy = 0.345Ra}?*?. The corresponding correlation
for the five-heater enclosure of this study using the
cavity width as the characteristic length in the Nusselt
and Rayleigh number is Nu, = 0.538Ra%?'®. The two
correlations agree to within 9% over the Rayleigh
number range 10* < Ra,, < 107.

Table 2 also indicates that the average heat transfer

coefficient for heaters at identical locations in the
enclosure decreases as the number of heaters
increases. Calculations show that all heaters in the
multiple heat source configurations exhibit lower
average heat transfer coefficient than that for free
convection from an isolated vertical plate of the same
heater length, L, given by Nu = 0.594Gr"/*. This is
similar to that predicted for the single and dual heater
configurations illustrated in Figs. 6 and 11. The com-
parisons made in the foregoing paragraphs relative to
Table 2 illustrate the enormous impact of the thermal
wake from heat sources below on those above. The
heater location and the number of heaters within the
enclosure affect the heat transfer in a significant way
for a given Grashof number.

CONCLUSIONS

Natural convection in a discretely heated enclosure
for single and multiple heater locations has been inves-
tigated experimentally and theoretically. Experiments
were performed with single and dual heat source con-
figurations. Mach-Zehnder interferometry was used
to visualize the temperature field within the enclosure
and to determine the local heat transfer characteristics
of the discrete heat sources. The partial differential
equations governing the conservation of mass,
momentum and energy were solved for the system
using a control volume-based finite difference method.
After validation of the model by comparison with
experimental data, predictions were made for a
broader range of problem parameters, and cor-
relations were developed for the local and average
Nusselt number.

For the single heat source configuration the heater
location of s/H = 0.8 resulted in 7 and 17% higher
average heat transfer coefficients, respectively, than
the s/H = 0.5 and 0.2 locations. The Grashof number
was studied in the range from 1.6(10°) to 5.2(10%)
experimentally, and 1.0(10%) to 5.0(10°) numerically
for a single aspect ratio of H/W = 5. This study cor-
roborates the observation of previous work that the
heat source location corresponding to maximum heat
transfer was also a function of Grashof number. This
phenomenon was explained in terms of the intensity
of the buoyancy-driven flow in the enclosure, quant-
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ificd by the stream function at the primary recir-
culation eddy center.

The Case 1 heater location (s/H = 0.5 and 0.8)
resulted in the highest heat transfer coefficient for
the dual heater configurations. The Grashof number
dependence for the two heater system was studied in
the range from 1.4(10%) to 4.7(10%) experimentally
and numerically from 1.0(10%) to 5.0(10%) for enclos-
ure aspect ratios of H/W =4, 5, and 6. The thermal
wake of the bottom heat source was secen to sig-
nificantly affect the transport from the upper heater,
resulting in a reduction in Nu by 20-40%, depending
on Gr. The lower heat source was influenced only
marginally by the presence of a heater above. This
observation was also found for numerical predictions
of multiple heat sources in the enclosure..
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CONVECTION NATURELLE AUTOUR DE DEUX SOURCES DISCRETES
BIDIMENSIONNELLES DANS UNE CAVITE RECTANGULAIRE

Résumé—On étudie expérimentalement et théoriquement la convection naturelle dans une cavité avec
chauffage discrétisé pour des configurations a chauffoir unique ou multiple. L’interférométrie Mach—
Zehnder est utilisée pour visualiser le champ de température dans la cavité et pour déterminer les carac-
téristiques locales et moyennes du transfert de chaleur. Les équations aux dérivées partielles qui gouvernent
la convection de la masse, de la quantité de mouvement et de 'énergie, sont résoluent numériquement. Les
résultats montrent que pour la configuration a une seule source, la position du chauffoir trés proche du
plancher de la cavité conduit au transfert thermique le plus élevé, dans le domaine des grands nombres de
Grashof. Néanmoins est confirmée Pobservation d’un travail antérieur selon laquelle la position de la
source correspondant au maximum du transfert thermique est fonction du nombre de Grashof. Plusieurs
chauffoirs logés prés de la base de la cavité donnent aussi le plus fort transfert thermique pour une
configuration duale. Le sillage thermique de la source inférieure affecte de fagon nette le transport depuis
les sources qui sont au dessus. Le chauffoir le plus bas est marginalement influencé par la présence des
chauffoirs placés au dessus.

NATURLICHE KONVEKTION AN ANORDNUNGEN ZWEIDIMENSIONALER
WARMEQUELLEN IN EINEM RECHTECKIGEN HOHLRAUM

Zusammenfassung—Die natiirliche Konvektion in einem abschnitisweise beheizten Hohlraum wird exper-
imentell und theoretisch fiir Einzel- und Mehrfachanordnungen von Wirmequellen untersucht. Ein Mach-
Zehnder-Interferometer wird dazu verwendet, das Temperaturfeld im Hohlraum sichtbar zu machen und
drtliche sowie mittlere Wiirmelibergangskoeffizienten an den einzelnen Wirmequellen zu bestimmen. Die
partiellen Differentialgleichungen fiir die Erhaltung von Masse, Impuls und Energic werden fiir das
vorliegende Problem numerisch gelést. Die Ergebnisse zeigen. daf3 fiir einzelne Heizelemente nahe am Boden
des Hohlraums die gréBten Warmeiibergangskoeffizienten im Bereich groBer Grashof-Zahlen auftreten.
Allerdings wird auch die Beobachtung in einer fritheren Arbeit bestiitigt, daB niimlich die Position der
Wirmequelle fiir optimalen Wirmetbergang von der Grashof-Zah! abhéngt. Auch fiir die Anordnung mit
zwei Wirmequellen ergibt sich ein optimaler Wirmetibergang, wenn die Wirmequellen am Boden des
Hohlraums positioniert werden. Das giinstige Verhalten einer Anordnung der Wiirmequellen (allein oder
paarig) nahe dem Hohlraumboden wird durch dic Intensitit der Auftriebsstromung im Hohlraum erklirt.
Der thermische Nachlauf einer Wirmequelle am Boden beeinfluBt bei Anordnung mit mehreren Wirme-
quellen die Transportvorginge im oberen Bereich betrichtlich. Die unterste Wiarmequelle wird jedoch
kaum durch die Anwesenheit von hoher gelegenen Wirmequellen beeinflufit.

ECTECTBEHHAA KOHBEKLIMA B MMOJIOCTH ITPAMOYI'OJIBHOT'O CEYEHMA,
COIEPXAHIEH NBYXMEPHBIE JUCKPETHBIE UCTOYHUKHU TEMJIA

Amnoraims—JKCOEPHMEHTAILHO ¥ TEODETHYCCKH HCCICAYCTCH ©CTECTBCHHAS KOHBEKIUA B JMCKDETHO
HarpeBacMol TIONOCTH C OJHHMM HJIM HECKOIBKMMH HCTOYHMKaMK Tema. JUIn BHsyanusauuu Temnepa-
TYPHOTO NOJIA BHYTPH HOJOCTH H ONPEACICHAN JIOKaIbHOH M CpenHeli xapaKTEePHCTHK TEIUIONEPEHOCa B
ciyvac AHCKPETHRIX HCTOYHMKOB TEMJa HCMONBL3yeTcs mutepdepomerpus Maxa—Uenaepa. Yucnenno
pemarorcs IHpepeHImMaibHbIc YPAaBHEHAS B JaCTHRIX MPOU3BOMHBIX, OMHCHIBAIOMIAE B yKa3aHHOM
3ajiaye COXpaHEHHEe MacChl, HMIyJIsca M 3Heprun, [onydenusic pe3ynbTaThl MOKA3LIBAIOT, YTO npAbIH-
KEHHE OJMHOYHOrO TEILUIOBOTO MCTOMHHMKA KO [HY NOJNOCTH NPHBOLMT K BO3PACTAHHIO 3HAYEHMA HHC/A
I'pacroda, npu KOTOPOM TENIONEPEHOC CTAHOBHTCA Haubolee MHTEHCHBHBIM. TeM He MeHee MoaTBepX-
[1aeTcst BHIBOA Mpenblaymed paboTe © TOM, YTO COOTBETCTBYIOWIEE HAHGOEE HHTEHCHBHOMY TEIIONE-
PEHOCY PpacrONOXKEHHe HCTOMHMXA Temia 3aBHCHT oT 4ucaa Ipacroda. HailinmeHo Ttakxke, uro
PacrosioxeHHbe BOIH3N JHA NOTOCTH IMCKPETHHIE HCTOMHUKH TeIlIa NpUBOAAT K HAHGOnee MHTEHCHB-
HOMY TEIJIONEPEHOCY B cllydae KoH}HIypanuy HarpeBaTe)s U3 ABYX HCTOYHHKOB, ONTHMAILHOE PasMe-
1LIEHNE HarpeBaTenel ¢ HEABIO CO3JaHRT HaHGO0ICe HHTCHCHBHONO TEIUIONEPEHOCa KaK B Cly4ae OJHOTO
TEIUIOBOTO MCTOYHHKA, TAK M B C/Iydae OBYX TEI/IOBBIX HCTOYHHKOB CBA33HO C pacmpeiie/ieHueM HHTEH-
cuBHOCTH CBOGOAHOKOHBEKTHBHOIO IOTOKA B TONOCTH. YCTAHOBJIEHO, YTO TEIJIOBOM CNEA PaCHOJIONEH-
HOTO ¥ Ha MONOCTH TEILIOBOrO HCTOYHMKA CYIIECTBEHHO BJAMACT Ha HEPECHOC OT MCTOMHHMKOB TEIUIA ¥
KPHILIKH TIOIOCTH B CIYYA¢ HECKOJIBKHX TEIUIOBRIX HCTOuHMKOB. Of{HaKo BIMSHHE BEPXHETO HarpeBaTes
Ha CaMBblii HIDKHEN HCTOYHHMK TeIl1a HE3HAUHTEbHO.
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